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ABSTRACT 
This paper quantifies the potential benefits of using vapor injection in scroll compressors for air-conditioning and 
refrigeration applications. Vapor injection (VI) divides the compression process in two stages, reducing the 
compressor work, and lowering the inlet quality to the evaporator, thus improving capacity. Two otherwise identical 
three-ton capacity systems using scroll compressors (with and without VI) have been compared. A multistage 
compressor model, which accounted for over- and under-compression, was developed and validated against data for 
a single-stage system. A detailed simulation model predicted a COP increase of around 6-8% and a reduction in 




This paper focuses on vapor injection in scroll compressors used in air-conditioning and refrigeration applications. 
Beeton and Pham (2003), describe successful implementation of the VI in scroll refrigeration systems using R404A. 
Vapor injection has also been employed with screw compressors, with an increase in both capacity and system COP. 
It divides the compression in two stages, reducing the compressor work, and lowers the inlet quality to the 
evaporator, thus improving capacity and COP as is evident from the P-h diagram. The question is whether the 
performance improvements are large enough to exceed the cost of additional components required. The scroll 
injection port location is shown schematically in Fig. 1 along with the P-h cycle for the system. 
 
Thermodynamically the VI technology offers significant advantages in applications where temperature lift is high 
(e.g. water heating, space heating and refrigeration), and relatively smaller benefits in applications such as 
residential a/c where efficiency standards are based on tests conducted at very low temperature lift conditions.  This 
could explain why VI technology is more widely known and used in residential applications in Europe and Asia, 
compared to the US where the residential market is focused almost exclusively on air conditioning applications.  
 
 
Figure 1: Vapor injection in scroll compressors 
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The VI cycle can be operated using two different methods, one using a flash tank and one using an internal heat 
exchanger, as shown in Fig. 2. The entire refrigerant stream is expanded to a two-phase mixture at an intermediate 
pressure in the flash tank, where the liquid and the vapor phases are separated. The saturated vapor is directed to the 
injection port of the compressor, while the liquid passes through another expansion valve into the evaporator. 
 
In the internal heat-exchanger case, a certain amount of refrigerant is bled off just downstream of the condenser, 
expanded to the intermediate injection pressure, and leaves the counterflow internal heat exchanger in the saturated 
vapor state after subcooling the remaining liquid refrigerant, then proceeds through the expansion valve and into the 
evaporator. Ideal thermodynamic cycle calculations show the two methods to be identical, assuming perfect 
separation in the flash tank and zero superheat at the exit of the internal heat exchanger. 
 
 
Figure 2: Two-stage vapor injection cycle with flash-tank or with an internal HX 
 
2. SIMULATION OF REAL SYSTEM 
 
The cycle comprises four main components, the compressor, the condenser, the internal heat exchanger and the 
evaporator. Each of them was modeled in their own sequential routine, then connected to simulate the system. 
Refrigerant charge calculations were done for each component and summed to obtain the total charge in the system. 
 
2.1 Scroll compressor 
After entering the orbiting scroll, the suction gas gets compressed to a fixed volume ratio defined by the scroll 
geometry, which is selected for a specified design condition. The configuration for residential applications 
considered here is unlike reciprocating and rotary compressors that have a discharge valve to exhaust the 
compressed gas only when the cylinder pressure reaches the high side pressure: the scroll wraps will compress the 
gas to the design volume ratio regardless of the operating pressures. Only when the operating conditions match the 
design compression ratio, will optimum compression efficiency be achieved.  
 
If the operating pressure ratio is lower than the design pressure ratio, the gas is over-compressed, increasing power 
consumption and reducing efficiency. The over-compressed refrigerant is discharged into the discharge plenum, and 
expands isenthalpically to the condenser pressure. Extra work is dissipated and the system COP decreases. 
Similarly, if the operating condition pressure ratio is higher than the design compression ratio, the refrigerant is 
under-compressed. During under-compression, the refrigerant leaves the scrolls at a pressure less than the condenser 
pressure, and cannot flow into the condenser. The check valve at the exit of the discharge plenum prevents back-
flow of high-pressure refrigerant from the condenser into the discharge plenum. The refrigerant coming out from the 
scroll fills into the discharge plenum. More mass is added until the pressure in the discharge plenum reaches the 
condenser pressure. As soon as it exceeds this value, the check valve opens and the refrigerant flows into the 
condenser. This process can be simulated as a tank-filling problem, with a valve at one end, as is shown in Fig. 3a. 
 
By allowing an extra amount of mass to flow into the plenum, the pressure rises from P2 to P4, which we assume is 
slightly higher than P3. Adding the work associated with this process to the tank emptying process where the 
pressure goes from P4 to P3, the total work is given by Eq. 1. For a real system, after accounting for isentropic 
efficiency the expression for total work changes to Eq. 2.  
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W = ∆m*(h3 - h2)      (1) 
 
Wtotal= ∆m * (h3 – h2) / ηisen    (2) 
 
We check the validity of this modeling approach by comparing the results to the compressor calorimeter data 
provided by the manufacturer. The isentropic efficiency was calculated at each of the 24 calorimeter test points. At 
one of the calorimeter test conditions, the volume ratio during the compression process equals the in-built ratio of 
the scrolls: the experimentally-determined isentropic efficiency was 0.69 at that condition. At all other operating 
conditions, the scrolls compress the fluid by the same ratio, so it is assumed that the isentropic efficiency of that part 
of the process would be the same. The additional work due to over/under-compression is then added, and the total 
compared to the data in Fig. 3(b). Since the agreement is satisfactory, the same approach is employed in simulating 




Figure 3: a) Schematic of under-compression process               b) Comparison of model results with    
experimental data 
2.2 Condenser 
The condenser simulated in this analysis is a single slab finned-tube cross-flow heat exchanger having two passes 
with two circuits in the first module and one in the second (Fig. 4). All the circuits have ten tube passes running in 
single row. A finite volume approach is adopted to model the actual physics in such complex heat exchanger 
geometry. The whole heat exchanger is divided into small elements along the refrigerant flow direction (Fig. 4). 
Each finite volume is assumed to be a cross-flow heat exchanger and solved for the amount of heat transfer 
occurring between the refrigerant and the air.  
 
 
Figure 4: Condenser geometry and finite volumes 
 
Within each element the fluid properties are assumed constant and pressure drop calculated after heat transfer 
calculations have been done. The outlet refrigerant state from one element becomes inlet for the next. If an element 
is encountered in which the refrigerant changes its phase (transition element) it is split into two sub-elements where 
each one is solved separately. The amount of heat transfer from refrigerant to air is calculated using the -NTU 
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method (Incropera & DeWitt 1996). Refrigerant side heat transfer coefficient is calculated from correlations by 
Gnielinski (1976) and Dobson and Chato (1998), and pressure drop from Souza and Pimenta.(1995). Air-side heat 
transfer coefficient and pressure drop for the plain fins used in the study were obtained from correlations by Wang 
and Chang (2000).  
 
2.3 Evaporator 
The evaporator is also a single slab finned-tube crossflow heat exchanger with six identical parallel modules (Fig. 
5a). Each module has 3 rows and one circuit with 15 serpentine tube passes per circuit. The same finite volume 
modeling approach is used, but modified to express the total heat transfer as the sum of latent and sensible 
components using the total enthalpy driving potential method (Song and Bullard, 2002). A wet element is further 
divided into small elements in the airflow direction to separate the latent and sensible heat loads using trapezoidal 
(finite difference) method (Fig. 5b). The two-phase refrigerant heat transfer coefficient is obtained from Wattlet et 
al. (1994) correlation. Refrigerant side pressure drop and air side heat transfer and pressure drop is modeled similar 
to the condenser.  
 
 
Figure 5: a) Schematic of evaporator b) Elements along the airflow direction 
 
2.4 Internal heat exchanger and expansion valve 
The present analysis considers a simple counterflow tube-in-tube type heat exchanger where the hot high density 
fluid flows in the outer annulus while the cold low density fluid flows in the inner tube. The IHX is assumed to be 
thermally isolated from its surroundings. A finite volume based modeling approach similar to those of condenser 
and evaporator is followed. Each element is assumed to be a counterflow heat exchanger and solved using -NTU 
relations. The total length of the IHX is sized to achieve a design approach temperature difference of 5°C. The hot 
and cold side flow areas (or diameters) are adjusted so as to contain the R410A pressure drops below 30 kPa.  
 
There are two expansion valves in the system: TXV1 controls the evaporator superheat while TXV2 controls the 
superheat at the exit of the IHX cold side. The expansion process is assumed to be fully adiabatic. Also the kinetic 
energy terms are neglected in comparison to the enthalpy of the throttling fluid. The modeling is done by matching 
the enthalpy at the inlet with the enthalpy at the exit of the valve 
 
3. RESULTS: AIR-CONDITIONING APPLICATIONS 
 
The load on the system is assumed to vary linearly with ambient temperature from zero at an ambient temperature of 
18°C, to 10.5 kW (3 tons) at the design outdoor temperature of 35°C (ARI-A rating condition).  For an actual 
building, loads will vary around this line due to radiative gains through windows, and due to latent and internal 
loads, but for purposes of this analysis, the equation can be taken to represent the mean at any ambient temperature.   
 
Qload = (10.5 / (35 – 18)) * (Tamb - 18)    (3) 
 
The condenser and evaporator geometries have been described in the previous section and as the compressor is sized 
to meet the 3-ton (10.5 kW) load requirement at the ARI-A (Tamb=35°C) design condition.  The heat exchangers 
allow for a superheat and a subcooling of 5°C of the refrigerant at the evaporator and condenser exits respectively. 
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Using these assumptions, we develop our system model and then proceed further by comparing the VI system with 
the base case (without VI) at both design and off-design conditions.  
 
3.1 Locating the vapor injection port 
A simple thermodynamic analysis would suggest the injection point should have a pressure equal to the square root 
of the product of the evaporator and condenser pressures. However, due to the unique geometry of the scroll 
compressor, and the presence of real system effects, we first use the simulation model to locate the injection point, 
by doing a parametric analysis for different volume injection ratios at the design condition. Each VRinj corresponds 
to a unique Vdisp capable of meeting the required load. Fig. 6 shows that a maximum system COP of 4.05 can be 

























Figure 6: COP and Vdisp as a function of Volume injection ratio at 35°C 
 
3.2 Capacity calculations  
Next the model is analyzed for range of operating temperatures for typical air-conditioning applications, and the 
results are compared with the base case. Both the VI and the base case compressors were sized to meet a load of 
10.5 kW at Tamb = 35°C as is evident from Fig. 7.  
 
 
Figure 7: Capacity and run-time fraction comparison between VI and base case 
 
Similarly, from Fig. 7, we see that the capacity curve for the VI system is nearer to the load curve as compared to 
the base case, and hence the run-time fraction for the VI case is higher by around ~5-7% in the given temperature 
range, which means that we shall have lower cycling losses. The cycling losses are negligible while we are operating 
close to the design condition, but can increase up to ~8-10% of the COP value for ambient temperature conditions 
12-15°C below the design condition, according to the default formula used to account for cycling losses in the US 
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DoE test procedure. The line lying below and parallel to the single stage case represents the capacity of a system, 
having a compressor sized as in the VI case, but operating with VI turned off.  It is clear that VI is not needed to 
meet the load except when the ambient temperature exceeds 33.2°C, and that its cycling losses will be smaller on all 
cooler days.  However shutting off VI foregoes the benefit of the more efficient 2-stage thermodynamic cycle, so the 
optimal operating strategy at any temperature will depend on the relative magnitudes of these two offsetting effects.  
Notice that in the base case, with the drop in ambient temperature, there is an increase in the capacity, while the 
capacity of the VI system is fairly constant over the entire range. The VI system’s relative insensitivity to ambient 
temperature can be explained using the T-h diagrams in (Fig. 8).    
 
 
Figure 8: T-h diagram of VI and simple air-conditioning cycle
 
The solid lines indicate the cycle for a given ambient temperature condition. The dashed lines refer to the cycle at a 
higher ambient temperature. The condenser temperature increases with the rise in ambient temperature. After 
coming out of the condenser, the refrigerant gets divided into two streams, and since the location of injection is 
fixed, the two phase refrigerant entering the evaporator is nearly at the same state irrespective of the ambient 
conditions. Also, the mass flow rate through the evaporator remains almost constant, since with the changes in the 
ambient, the fraction of injected mass changes, and it affects only the top half of the cycle. Therefore, as we have 
almost the same mass flow rate, and roughly the same Tevap, the capacity of the system, remains largely unaffected 
by the changes in Tamb. However, for the base case, with the change in the Tamb, all the points in the cycle shift, 
including the evaporator inlet state which determines the refrigerating effect. Therefore the mass flow rate and Tevap 
change considerably, hence the capacity of the system changes automatically, as can be seen from Fig. 8.  
 
COP comparisons  
Next we compare the COP of the VI system with the base case. Since the compressor needs to be cycled to match 
the load at any off-design condition, so the cycling losses are approximated by a multiplicative factor Cd applied to 
the COP term, defined by the ARI standards. 
 
Cd = 0.8 + 0.2 * µ    (4) 
 
Fig. 9 shows that the COP of the VI scroll compressor cycle is ~6-8% higher than the compressor cycle without 
injection, in the ambient temperature range of 22-37°C. Reduced cycling losses account for up to 2%of this COP 
gain, while the rest is due to the thermodynamics of the VI cycle. Theoretically, the slope of the COP curves would 
increase at low Tamb, because of the reduction in the temperature lift. However, the extra work associated with 
overcompression overwhelms this effect, and we notice that for Tamb < 27°C the slope of the curve declines. The 
point at Tamb=27C marks the boundary between over and under compression.   Because of the more pronounced 
effects of over-compression, scroll compressors are designed with a value of volume ratio that generally restricts 
over-compression to some very limited cases. Some newer versions are equipped with a dynamic valve, which 
prevents over-compression. More recent data from ARI suggests that newer split systems experience cycling losses 
only about half as large as suggested by Eq. 4.  Applying that correction to the preceding results would reduce the 
estimated efficiency improvement attributable to VI from 6-8% to 6-7%.  
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          Figure 9: System COP comparison between VI and base case  
 
Compressor sizing 
The results show that the VI cycle requires a compressor 16% smaller displacement than the base case with no 
injection.  Notice from Figures 1(b) and 7(a), that for the same operating conditions, the enthalpy change across the 
evaporator is higher for the VI case than the case when there is no injection. This would mean that for the same 
conditions, to achieve the same capacity the VI system would require less mass flow rate, and therefore a smaller 
compressor size. Similarly, because of the lower mass flow rate, the suction line pressure drop is reduced by around 
30% in case of VI as compared to the base case. 
 
Refrigeration applications 
A simple thermodynamic analysis was conducted for R410A refrigeration applications. The major difference 
between the air-conditioning and refrigeration compressor is the presence of a dynamic valve between the exit from 
the scrolls and the discharge plenum, in the latter, which prevents over-compression. The return gas was assumed to 
be at 18.3°C (65°F). Both the VI and the base case units are sized so that at the ARI-A conditions the evaporator 
temperature is -10°C, and the load on the system was assumed constant at 10kW.  Cycling losses were estimated 
using Eq. 4.  The cycle COP comparisons between the VI and the base case are shown in the Fig. 10; system COP 
comparisons will depend on the fan power required for various refrigeration applications. 
 
It can be seen that the COP of the system increases significantly for the case when we use the VI scroll compressor 
cycle. The COP increases as much as 12% in the temperature range of 25-40°C. This is attributed to the fact that we 
are now working in a larger temperature lift between the evaporator and the condenser temperature, as compared to 

















Figure 10: COP comparison between VI and base case for refrigeration applications 
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CONCLUSIONS 
The above analysis quantified the potential benefits from employing vapor injection in a scroll compressor.  The 
results, for air conditioning and refrigeration, are as follows:  
 
• Increased COP of the system (~6-8%) as compared to base case for air conditioning applications. 
• Reduced compressor displacement by as much as 16% for the same load operations. 
• VI system less sensitive to Tamb 
• For refrigeration applications, a COP gain of 10-12%, and a compressor displacement reduction of 28%.  
 
The results show that VI technology offers significant advantages in applications where temperature lift is high (e.g. 
water heating, space heating and refrigeration), and relatively smaller benefits in applications such as residential a/c 





COP  coefficient of performance  (-)   Subscript  
∆m  mass flow rate in a scroll pocket (kg/s)   disp displacement 
∆Q  gain in capacity   (kW)   sat saturated 
∆W  reduction in work   (kW) 
ηisen  isentropic efficiency  (-) 
G  refrigerant mass flux  (kg/m3-s)   
h  enthalpy    (kJ/kg)    
µ  rub-time fraction   (-) 
P  pressure    (kPa)   
PR  pressure ratio   (-)  
Tamb  ambient temperature   (°C) 
Qevap  evaporator capacity  (kW)    
Qload  heat load on the system  (kW)      
T  temperature   (°C)  
VRinj  injection ratio   (-) 
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